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1.  PROLOGUE 

This  report  is  a  second  volume  of  the  1st  full  interim  scientific  report 
(1)  for  the  project  described  in  the  title,  covering  the  period  from  month 
1  to  month  12  of  the  project.  These  programme  months,  which  are  indicated 
in  figure  1  (which  is  an  extract  of  figure  7  of  the  original  grant  proposal 
submitted  to  EOARD)  correspond  to  calendar  months  March  1985  to  March  1986. 
The  programme  of  work  did  not  begin  in  September  1984,  as  was  originally 
intended,  for  a  number  of  reasons;  these  are 

(i)  The  grant  funding  was  not  submitted  to  the  Polytechnic  until 
October  1984. 

(ii)  The  Polytechnic  regulations  forbid  any  attempt  to  advertise 
research  assistant  posts  until  the  appropriate  research  funds  are 
in  the  Polytechnic’s  hands. 

(iii)  There  was  a  delay  of  2  -  3  weeks  between  ordering  an  advert  with 
newspaper  publishers  and  the  advert  actually  appearing  in  press. 

(iv)  The  first  round  of  advertising  failed  to  result  in  the  recruitment 

of  a  suitable  applicant,  so  that  a  second  round  of  advertising  was 
necessary,  causing  a  further  delay  of  2  3  weeks.  The  second 

round  of  adverts  were  ordered  at  about  the  end  of  November  1984 
and  appeared  in  January’s  press.  (It  was  considered  prudent  not 
to  publish  an  advert  over  the  Christmas  vacation  period,  so  this 
also  caused  a  further  2  weeks  delay). 

(v)  The  successful  applicant  was  interviewed  in  February  1985  and 
commenced  work  in  March  1985 . 


As  a  consequence  the  above-described  delay  in  the  start  of  the  project 
work,  by  August  1985  when  the  1st  volume  of  the  1st  full  interim  scientific 
report  was  written,  the  work  carried  out  to  that  moment  in  time 
corresponded  to  about  5  months  work  on  the  project  schedule  in  figure  1. 
Thus,  volume  1  of  this  report  contains  information  relating  mainly  to  a 
literature  survey  of  hydrostatic  bering  operation,  together  with  some 
details  of  the  appropriate  theory  of  operation  under  steady  loads.  It  is 
noteworthy  that  the  project  was  at  that  time  on  schedule,  bearing  in  mind 
the  programme  start  of  March  1985. 

The  authors  now  understand  that  the  delay  in  the  start  of  the  work  had  not 
been  communicated  to  the  American  offices  of  EOARI)  (although  it  had  been 
discussed  with  the  London  Office). As  a  consequence  of  the  above  situation 
the  American  offices  of  EOARD  have  requested  further  information  about  the 
project,  particularly  in  relation  to  its  current  status  and  technical 
output.  This  second  volume  of  the  report  is  intended  to  answer  fully  any 
queries  relating  to  the  current  status  of  the  project,  as  well  as  to  convey 
up  to  date  technical  information  relating  to  the  work. 
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3.  SYNOPSIS 


This  report  describes  the  current  status  of  a  research  project  whose  aim  is 
to  develop  a  hydrostatic  bearing,  for  rotating  machinery,  whose  dynamic 
characteristics  may  be  tuned  during  operation  of  the  machine.  The  purpose 
of  this  is  to  enable  the  operator  to  exercise  some  control  over  machine 
critical  speeds,  and  vibrations  generally. 

A  computer  program  has  been  written  which  will  predict  both  the  static  and 
dynamic  characteristics  of  a  hydrostatic  bearing.  The  program  allows  for 
the  presence  of  accumulators  linked  to  the  hydrostatic  bearing  recesses  via 
flow  restrictors;  by  varying  these  flow  restrictors  control  may  be 
exercised  over  t  her  bearing  dynamic  characteristics.  Output  from  the 
computer  program  has  been  used  as  input  data  to  a  second  computer  program 
which  calculates  machine  vibration  amplitude  variation  with  running  speed. 
Theoretical  machine  characteristics  obtained  in  this  way  have  been  used  to 
aid  the  design  of  a  test  rig  which  will  be  used  to  examine  the  practical 
performance  of  the  new  bearing  type  being  developed . 


Theoretical  results  obtained  thus  far  indicate  that  a  significant  change  in 
bearing  dynamic  characteristics  may  be  obtained  by  adjusting  the 
accumulator  flow  restrictor,  and  that  machine  critical  speeds  can  be 
reduced  by  over  ft  ON .  n  appears  likely  that  the  bearing  mny  enable  maximum 
vibration  amplitudes,  within  a  given  speed  range,  to  be  reduced  by  over 
90%. 
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4.  NOTATION 


SYMBOL  MEANING 


A 


f:xx<  cxy ■  ptc 


F 

[ 

K 

''xx’  Kxy!  etc 

I. 


'1 

P 

0 

H 

I 

V 

v 

W 

y 


Effective  area  of  one  hydrostatic  pad 
Cross-sectional  area  of  capillary  tube 
Accumulator  operating  parameter 
Bearing  damping  coefficients 
Bearing  clearance 
Force 

Capillary  restrictor  inertia  coefficient 

Inverse  flow  resistance  in  capillary  tube 

Bearing  stiffness  coefficients 

Length  of  land  around  hydrostatic  pad 

Length  of  capillary  tube 

Muss  of  lubricant  in  capillary  tube 

Lubricant  pressure 

Lubricant  flow  rate 

Bearing  radius 

Time 

Volume 

Lubricant  acceleration  in  capillary  tube 
Bearing  land  width 
Horizontal  displacement  of  journal 
vertical  displacement  of  journal 


a 

P 

y 

c 

t 

e 

K 

u 

P 

T 

♦ 


Half  the  included  angle  for  one  bearing  pad 
Pressure  Pp/ps  at  zero  eccentricity 
Pressure  amplitude  in  accumulator 
Pressure  amplitude  in  bearing  pocket 

Phase  lag  angle  of  pressure  amplitude  in  bearing  pocket 

Angular  location  around  bearing 

Lubricant  bulk  modulus 

Lubricant  dynamic  viscosity 

Lubricant  density 

Flow  amplitude  in  supply  line 

Flow  amplitude  in  accumulator  line 
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Phase  lag  angle  of  displacement  in  horizontal  direr i ton 
Angular  frequency 
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SUBSCRIPTS 

a 

(. 

1 

nr 

P 

s 

v 

N 

y 

1 


Relates  to  accumulator 
Relates  to  a  curved  land 
Relates  to  flow  over  lands 
Relates  to  a  non  curved  land 
Relates  to  bearing  pocket 
Relates  to  bearing  supply  line 
Relates  to  change  of  pocket  volume 
Relates  to  horizontal  direction 
Relates  to  vertical  direction 
Relates  to  in  phase  component 
Relates  to  quadrature  component 
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INTRODUCTION 


Unbalance  in  rotating  machinery  is  responsible  for  vibration  of  the  machine 
rotor,  stator,  and  foundations.  These  vibrations  result  in  high  levels  of 
noise,  accelerated  component  wear,  increased  stresses  and  a  lowering  of  the 
machines  fatigue  life.  Unbalance  cannot  he  completely  eliminated  but  can 
only  be  minimised,  and  so  these  effects  are  always  present;  furthermore, 
some  types  of  vibration  are  self-excited  and  are  independent  of  the 
magnitude  of  the  out  of  balance  in  the  machine. 

It  is  well  documented,  for  example  in  references  (1)  to  (5)  that  with  all 
types  of  vibration  the  amplitudes  of  the  rotor  and  hearing  displacements, 
and  of  the  bearing  transmitted  forces,  are  dependent  upon  the  stiffness  and 
damping  associated  with  the  hearings  and  then  foundations.  That  is  to  say 
that  for  a  given  machine  operating  at  a  particular  speed,  the  shaft  support 
stiffness  and  damping  must  take  on  particular  values  in  order  to  ensure 
that  the  system  vibrations  are  mimimised.  If  these  values  are  not  adhere! 
to  then  high  levels  of  vibration  wilt  ensue. 

In  many  cases  the  potentially  large  levels  of  vibration,  dependent  upon  the 
shaft  support  stiffness  and  damping,  are  those  associated  with  machine 
critical  speeds.  The  designers  problem  is  frequently  one  of  ensuring  that 
while  a  machine  is  able  to  operate  at  any  particular  speed  within  a  given 
speed  range,  it  must  never  be  the  case  that  a  system  critical  speed  is 
i  lose  to  the  operating  speed.  Unfortunately  this  is  not  easy  to  achieve 
because  calculations  of  machine  critical  speeds  are  frequently  inaccurate 
due  to  insufficient  knowledge  of  bearing  housing  dynamic  stiffness  and  of 
oil  lilm  behaviour.  The  situation  is  further  complicated  by  the  fact  that 
bearing  and  foundation  stiffness  and  damping  in  the  horizontal  sense  may  be 
different  to  that  in  the  vertical  sense,  and  so  the  number  of  machine 
critical  speeds  may  be  doubled. 

The  work  to  which  this  report  relates  is  aimed  at  overcoming  the  problems 
described  above  by  developing  a  bearing  whose  stiffness  and  damping  could 
hr  altered  while  the  machine  is  in  operation.  For  example  in  figure  2  the 
solid  line  indicates  the  form  of  the  response  of  a  single  mass  rotor 
mounted  on  a  shaft  running  in  high  stiffness  supports. 
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The  broken  line  represents  the  response  of  the  same  machine  running  in  low 
stiffness  supports.  Clearly,  as  the  machine  speed  was  being  increased,  it 
would  be  advantageous  to  change  the  shaft  support  stiffness  from  a  high 
value  to  a  low  value  at  the  running  speed  corresponding  to  the  point  of 
intersection  of  the  two  curves.  In  the  case  of  a  multi-degree  of  freedom 
system  it  may  be  necessary  to  make  use  of  several  values  of  shaft  support 
stiffness  so  that  the  machine  response  may  be  as  indicated  by  the  solid 
line  in  figure  3,  the  broken  lines  indicating  critical  speeds  associated 
with  particular  values  of  shaft  support  stiffness. 

This  report  describes  an  investigation  of  the  effects  of  changing  the  shaft 
support  stiffness  and  damping  by  building  into  the  hearing  supports  a 
number  of  hydrostatic  pads  supplied  with  fluid  under  pressure  via  flow 
restrictors,  the  restrictors  being  required  in  order  to  ensure  that  the 
pads  will  support  a  static  load  in  a  stable-  manner.  The  case  investigated 
was  that  of  rolling  element  bearings,  supported  by  hydrostatic  pads  as 
shown  in  figure  4.  Also  connected  to  the  hydrostatic  pads,  via  additional 
flow  restrictors,  are  accumulators  (closed  vessels  containing  a  gas-filled 
flexible  bag,  the  gas,  being  relatively  easy  to  compress,  allows  further 
oil  to  enter  the  accumulators  in  the  space  thereby  made  available).  The 
accumulators  behave  as  reservoirs  from  which  oil  may  be  drawn  off  or 
returned  to.  The  stiffness  and  damping  of  such  hydrostatic  pads  has  been 
shown  in  references  (6)  and  (7)  to  depend  largely  upon  the  flow  resistance 
offered  by  the  rest.ictors  in  the  accumulator  lines.  By  varying  the  value 
of  these  flow  resistances,  the  entire  system  support  stiffness  and  damping 
can  be  varied  between  values  close  to  zero  and  very  high  values. 
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6.  THEORY 


B. 1  Review  of  Operation  Under  Steady  Loads 

Consider  the  hydrostatic  bearing  shown  in  figure  5  where  the  displacement 
of  the  (non-rotating)  journal  from  the  concentric  position  is  xQ  in  the 
horizontal  direction  and  y0  in  the  vertical  direction.  The  concentric 
film  clearance  of  the  bearing  under  consideration  is  Cu,  and  if  the  journal 
eccentricity  is  e  at  an  altitude  angle  <t>  as  shown,  then  the  film  clearance 
at  any  angle  e  is 

C  -  C0  .  xu  Sin  e  +  y0  Cos  e . (]) 

A  ’midland’  type  of  approximation  is  now  employed,  similar  to  that  used  by 
Raimondi  and  Boyd  (8).  The  approximation  assumes  that  oil  flows  out  over 
the  bearing  lands  only  in  a  direction  perpendicular  to  the  land 
centre-line,  and  that  the  pocket  lubricant  pressure  effectively  acts  over 
an  area  contained  within  the  land  centre-lines.  The  accuracy  of  this 
approximation  has  been  verified  in  reference  (B) . 

If'  the  bearing  radius  of  curvature  is  R,  the  oil  pressure  in  the  pocket  F’p, 
the  oil  dynamic  viscosity  P,  hydrostatic  pocket  land  width  W,  then  the  oil 
flow  through  an  element  de  over  one  of  the  curved  lands  (not  shown  in 
figure  5)  out  of  the  plane  of  the  page,  is 


C3  R  de  P 
dO  -  - £ 

12  p  W 


Subst  ituting  for  C  from  equation  (1)  and  integrating  between  e  =  a  and  a 
gives  the  total  oil  flow  out  of  the  two  curved  lands  of  one  hydrostatic  pad 


P  R  C 
_£ _ 

12  p  W 


[4a  +  -  12  p  Sin  a  +  —  0(6a  (y0“  +  xQ2  )  +  3  Sin  2a 


( Yo 


•))  -  - 


(4y0  (Sin  a 


Sin  a 


13x02y0 


Sin3a 


)  ]. 


(3) 


Tlie  total  oil  flow  through  the  two  non-curved  lands  at  0  =  a  and  e  =  -  a  is 


Qnc  r-  - —  [(Cu  +  yQ  Cos  a  -  xQ  Sin  a)-5 

12  u  W 

3 

+  (co  *  y0  Cos  °0  -  xo  sin  (-  “))  1 


(4) 


which  when  expanded  and  added  to  equation  (3)  gives  the  total  oil  flow  out 
<>f  the  bearing  pocket  over  the  lands  as 


P  C  3 

Ol  ■  f(xQ)  y0) . (5) 

12  W 


where 


ftx0,  y,/  =  (2L  +  4ita)  +  -  (12Ry0  Sin  oc  +  SLy0  Cos  a.) 

c0 

*  (CHa  ( y „*•  t  x0“)  *■  3R  Sin  2a  (yQ2  -  x0“) 

<’o~ 

O  *7  0  9 

i  Ky0*"L  Cos"a  ♦  6x0“L  Sin“a) 


*•  (4Ry03  (Sin  a 

■  o 


+  12RXo2y 

3  3 


2hy„- 


3 

Cos  a 


^  6Lx0“y  Sin  a  Cos  a) 


(G) 


The  flow  into  the  hydrostatic  pocket  through  the  capillary  from  the 
pressurised  supply  is 

«s  Ks  (Ps  -  pp)  .  (?) 
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Where  Ks  is  a  constant  which  describes  the  capillary  flow  restrictor 
characteristics,  and  Ps  is  the  lubricant  supply  pressure.  Equating 
equation  (7)  with  equation  (5)  gives 


K..(l's  I*p)  - 


PC 
_P _ n_ 

12  u  W 


f(*o.  Vo) 
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Refilling  P  as  the  ratio  Pp/Ps  when  the  journal  is  concentric  with  the 
bearing  (x0  '  y0  0),  equation  (8)  gives,  on  r<-  arranging, 


o 


12  U  W 


(4Ror  i  21.) 


19) 


which  defines  the  required  value  of  Ks  to  ensure  that  the  bearing  operates 
with  a  particular  P  ratio.  When  this  is  the  case,  the  pressure  in  l  he 
heating  pocket  is  then  given  by  substituting  equation  (9)  back  into 
equation  (8)  to  give 


P 

1  P  (4Hoc  +  2L) 

( 4 Roc  -*  21.)  i  f(xo.  y0)  . O0) 


whereupon  the  steady  load  carried  by  the  bearing  may  be  evaluated  as 

r  pp-a . on 

where  Pp  ;s  given  by  equation  (10)  ant]  A  is  the  bearing  pad  effective  area 
contained  within  the  land  centrel ines. 

The  lubricant  pumping  power  required  by  the  bearing  is  given  by 
P  =  Os-ps .  (12) 


m. 


The  above-described  theory  was  applied  in  I  urn  to  each  hydrostatic  pad  of  a 
4  pad  bearing  (one  hydrostatic  pad  at  the  lop,  bottom,  and  on  each  side  of 
the  bearing)  and  the  corresponding  forces  separated  out  into  vertical  and 
horizontal  components.  The  load  components,  oil  flow,  and  pumping  power 
for  all  of  the  hydrostatic  pads  may  then  be  summed  to  give  the 
characterist ics  of  the  whole  bearing. 

The  above  described  theory  was  transformed  into  a  computer  program  to 
enable  fast  acquisition  of  design  data  to  be  made.  The  variation  of  load 
and  static  load  stiffness  with  journal  vertical  displacements  was  found  to 
take  the  form  shown  in  figures  6  and  7  of  section  6.  These  results  art; 
discussed  in  section  7. 


(1 . 2  Operation  Under  Dynamic  Loads 

When  the  hearing  operates  under  the  action  of  a  dynamic  load,  the  oil  flow 
rate,  pumping  load,  the  oil  flow  rate,  pumping  power,  and  steady  load 
supported  remain  unchanged.  However,  the  hearing  stiffness  and  damping 
her  nine  of  prime  importance  because  they  affect  substantially  the  vibration 
amplitude  of  the  system  for  a  particular  force  amplitude.  A  method  of 
determining  the  bearing  stiffness  and  damping  is  described  below. 

The  displacement  of  the  journal  from  the  concentric  position,  under  a 
dynamic  load,  takes  the  form 


y  y„  *  yj  -  yu  4  7  Sin  wt 

x  '  x0  +  xj  =  x0  +  X  Sin  (ut  -  <t>) 


n:t) 


where  xl  and  >' 1  are  displacements  of  the  journal  from  the  static 
equilibrium  position.  As  a  consequence  of  these  displacements  the  out.  flow 
of  oil  over  the  bearing  lands  of  one  hydrostatic  pud  differs  from  that 
given  in  equation  (5)  and  is  now  given  by 


Ol 


P  c 


p  » 
12  u  W 


[f(xo»  y0)  +  ^XO»  *1  *  fyo>  y 1 j 


(14) 
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where  fxa  and  fyo  are  the  differentials  of  f(x0,  y„)  with  respect  to  x(J  and 
yt,  respectively. 

An  alternative  flow  path  for  lubricant  leaving  the  pocket  is  that  through 
the  flow  restrictor  leading  to  the  accumulator.  (This  flow  path  is  of  no 
consequence  when  considering  steady  staLe  loads,  since  the  accumulator 
forms  a  closed  part  of  the  system  with  a  zero  net  flow  into  it).  Any  flow 
from  the  bearing  pocket  into  the  accumulator  is  as  u  consequence  of  a 
pressure  difference  between  the  lubricant  in  the  bearing  pocket  and  that  in 
tlic  accumulator.  This  pressure  difference  acts  against  the  capillary  flow 
resistance  and  also  acts  to  accelerate  the  fluid  in  the  capillary  such  that 


Pa  “  >  ®a  1 

K* 


dQ 


dt 


.  (ir.; 


where  Pa  *s  the  instantaneous  lubricant  pressure  in  the  aceumlator,  Ka  is 
the  constant  describing  the  characteristics  of  the  capillary  flow  restictor 
between  the  bearing  and  accumulator,  Qa  is  the  lubricant  flow  rate  into  the 
accumulator,  and  Ia  is  a  coefficient  describing  the  inertia  of  the 
lubricant  within  the  accumulator  capillary. 

The  pressure  changes  within  the  accumulator  are  related  to  the  volume  of 
oil  flowing  into  it  by  the  equation 


dP 

— -  BO.,  . (If!) 

dt 

where  It  is  a  constant  which  describes  the  characteristics  of  the 
accumulator. 


The  flow  of  lubricant  from  the  supply  into  the  bearing  pocket  is  described 
similarly  by  the  equation 

1  dQ~ 
ps  -  pp  7  — 

KS 


dt 


(17) 


where  Qs  is  the  lubricant  flow  rate  from  the  supply  into  the  bearing 

pocket,  ami  ls  is  a  coefficient  describing  its  inertia. 

Any  flow  of  oil  into  the  bearing  may  be  partially  accomodated  by  an 

increase  in  the  bearing  volume,  as  the  bearing  surfaces  move  away  from  each 
other  (and  vice  versa).  This  flow  may  be  represented,  for  a  velocity  dy/dt 
of  the  bearing  surfaces  away  from  each  other,  as 

Qv  =  A  —  . (18) 

dt 


Tn  addition  to  the  above,  lubricant  flowing  into  the  bearing  pocket  may 
also  be  accomodated  as  a  consequence  of  compressing  the  lubricant  already 
in  the  clearance  volume.  The  flow  rate  associated  with  compressibility  of 
the  lubricant  is  given  by 


V  dP 

— 2  . (19) 

K  dt 

where  Vp  is  the  bearing  pad  effective  clearance  volume  and  K  is  the 
lubricant  bulk  modulus. 

The  unsteady  state  flow  equation  for  lubricant  within  the  bearing  pocket 
takes  the  form 

Qs  ■  Qa  *  Q)  '  Qv  +  Qc  . (20) 

The  journal  displacements,  and  the  lubricant  flow  rates  and  pressures,  may 
he  assumed  to  vary  according  'o  the  following  expressions  provided  that 
amplitudes  are  small  compared  with  steady  state  values. 
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' quadrat ure*  values  of  the  fluctuations  in  the  displacement,  pressure,  and 
flow  terms  as  appropriate. 

Substituting  equations  (21)  into  equations  (Id)  lo  (20),  whilst  also 
substituting  equations  '14),  (18)  and  (19)  into  (20)  gives: 


'  lCl  Sul  ut  +  €2  Cos  ut)  '  ^ao  "  (Xj  Sin  ut  4  y2  Cos  wt) 

—  <$ao  *  +1  sin  ut  i  Vo  Cos  ut)  +  Ta  U  (+]  Cos  Ui.  to  Sin  Ut ) .  .  (22) 
K;. 

y|  u  Cos  ut  ^2  u  Sin  ut  P  (Q.lo  *■  S’j  Sin  ut  -  +0  Cos  ut. ) . (22  ' 


'  £]  Sin  ut  *  Co  Cos  ut  )  -  C 0  *  T[  Sin  ut  +  T-,  Cos  ut  , 

Ks 

<  lR  W  !tj  Cos  ut  -  To  Sin  ut ) . (24/ 

6so  ■  rl  sin  +  t2  Cos  ut  ~  ^ao  *  Sin  ut  +  Vo  Cos  ut 
C  2  f(x  y  ( '  , 

°  —  (*pu  *  C|  Sin  ut  1  Ci  Cos  ut ) 

lxo  (Xj  Sin  ut  -1  Xo  Cos  ut ) 

fyo  Y]  Sin  ut  1  Aw  Yj  Cos  ut 
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(25) 
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The  terms  marked  *  in  the  above  equations  may  all  lie  deleted  since  they  are 
either  zero  terms  or  they  reiate  to  steady  conditions  and  equate  on  each 
side  of  the  equations.  Comparing  the  coefficients  of  Sin  ut  and  Cos  ut  on 
each  side  of  what  remains  of  the  equations  (22)  to  (25)  then  leads  to  the 
following  equations  which  may  be  written  in  matrix  form  as: 


1  0  -1/KS  Isu  0  0  0  0 


1/KS  0  0  0  0 

0  -1  0  -1/Ka  Iau 

0  0  1  - I3u  1/Ka 

0  0  u  p,  0 

0  u  0  0  B 

0  0  0  10 

10  0  0  1 
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The  inertia  terms  Is  and  la  in  the  above  equation  may  be  determined  by 
applying  Newtons  2nd  law  to  the  column  of  liquid  contained  within  the 
rap i 1  lory. 


Thus 

AP .  a  m  v  . ;  27 ' 

where  AP  is  the  pressure  difference  across  the  capillary,  a  is  the  bore 
( ross- sect ional  area,  m  the  mass  of  lubricant  within  the  capillary,  and  v 
its  acceleration.  liquation  (27)  may  also  he  written  as 


AP 


a 


1  P  Q 


(28) 


where  1  is  the  length  of  the  capillary  tube,  p  is  the  lubricant  density, 
and  Q  is  the  flow  rate  through  the  capillary.  Further  consideration  of 
equations  (15)  and  (17,  reveals  that  the  capillary  inertia  coefficient  is 
l  lien  given  by 

1  -i-2  . <2(0 

a 


liquation  (26)  may  be  solved  to  determine  the  unknown  amplitudes  of  the 
variables  in  the  column  matrix  on  the  left  hand  side,  in  particular  the 
pocket  pressure  amplitudes  Cj  and  Co- 

The  force  displacement  relationship  for  one  hydroslat  it:  pad  under  dynamic 
operating  conditions  takes  the  form 

Fy  "  Kyy  yl  +  Kyx  *1  f  cyy  +  cyx  X1 . (30) 


where  Kyy,  Ky>;»  Cyy  aiJd  Cyx  are  tlie  direct  and  cross  coupling  stiffness  and 
dumping  coefficients  for  one  bearing  pad.  Fy  is  the  load  on  the  pad  (in 
the  vertical  direct  ion) ; the  arrangement  may  be  considered  to  be  as  shown  in 
figure  3.  The  variation  in  force  Fv  on  the  pad  will  be  related  to  the 
bearing  pocket  oil  pressure  by 

Fy  -  A  (€]  Sin  ut  f  Co  Cos  ut)  . (31) 

Substituting  for  x  and  y  from  equations  (21)  and  for  Fy  from  (31)  into 
equation  (30),  and  comparing  coefficients  of  sin  ut  and  Cos  ut  gives 


Ac |  -  Kyy  Y]  ♦  KyX  X]  -  uOy  X2 

ACo  -  KyN  Xo  +  UCyy  Y]  +  UCys  Xj 
If  we  then  set  X]  Xo  -  0,  then 

A€1 

Kw  -  - 

■'  Y1 

A£.., 

Cyy  " 

uY] 


(32) 


(33) 


whilst  if  wc  set  Yi  ;  Xo  =  0,  then 

K  Kli 

hyx  ' 

*1 

AC., 

(  yx 

uX| 


(3-1) 


Thus  all  four  linearized  stiffness  and  damping  coefficients  for  one 
hydrostatic  pad  arc  determined. 


The  above  theory  was  transformed  into  a  computer  program  enabling  stiffness 
and  damping  coefficients  for  each  hydrostatic  pad  in  the  hearing  to  be 
computed,  in  terms  of  its  local  coordinates.  These  coefficient  values  were 
then  transformed  into  corresponding  values  of  the  global  coordinates  as 
described  in  reference  (G)  and  summed  to  determine  net  coefficient  values 
for  the  whole  bearing.  The  program  was  used  to  investigate  the  variation 
iri  hearing  stiffness  and  damping  with  journal  eccentricity,  capillary 
inertia  coefficient,  accumulator  restrictor  coefficient,  and  forcing 
frequency.  The  results  of  this  investigation  are  also  summarized  in  the 
section  G. 


f > . 3  Kotor  Response 

The  hearing  stiffness  and  damping  coefficient  values  determined  as 
described  in  the  previous  section  were  used  as  input  data  to  a  third 
computer  program  which  has  been  used  previously  by  the  authors  to  determine 
rotor  response.  This  program  is  based  on  the  transfer  matrix  method.  The 
method  is  well  Known  by  rotordynamiest  and  so  will  not  be  described  in 
detail  in  this  report  for  the  sake  of  brevity;  further  details  of  the 
method  may  be  found  in  references  (9)  to  (11/. 

The  system  design  parameters  used  in  this  investigation  were  similar  I  o 
those  of  a  real  aeroengine  compressor  shaft  system.  It  was  decided  that  a 
rotor  whose  mass  was  mainly  located  at  midspan  be  investigated,  since  it 
was  intended  that  the  experimental  test  rig  rotor  would  feature  this 
characteristic,  for  the  sake  of  simplicity.  The  other  details  of  the 
system  were  as  shown  in  table  1.  A  description  of  the  system  modeller!  is 
given  in  section  9.  The  following  section  shows  the  results  of  the 
investigation,  indicating  the  variation  in  rotor  vibration  amplitude  with 
running  spired  for  two  values  of  accumulator  restrictor  setting. 


22. 


Hearing  Details:  - 


Hy.ii-os 

latir  pad 

arrangement  : 

l  at  ea<  li  >f  top,  bottom,  and  sides;  i 

i<-  -1 

total  per  beat  in/ 

Lubrie 

ant  supply 

pressure : 

2.5  Mpa 

Com pen 

sat  ion: 

Capillary  tube 

Nomina 

!  radial  r 

lea ranee: 

1  27  Min 

Land  w 

icllh: 

f>  mm 

Item*  i  n 

g  diameter 

0.1  m 

Moating  length: 

0.025  m 

l.ut.s  ic 

■nit  vision 

it  y : 

0.05  !>;■.. s 

Dcs i gn 

pressure 

ratio,  /■*: 

o.r> 

I.nl.rir 

ant  tni Ik  modulus: 

1.7  0I*;i 

Hi'icss 

I),  pth: 

1 0  min 

Hot  r.i- 

lift  ai  Is: 

I.i'ligt  li 

l>ofWooIl  l» 

car  t  tigs : 

o.r.  iii 

Sliat’l 

il  i  amet  i  r: 

0.M  ra 

Shaft 

hi-mting  st 

l  f  f  nnss : 

n.6  MNm  1 

Motor 

mass : 

35  Kg 

Hof  <u 

d  i  amet  it: 

0  .  <1  jii 

Hof  or 

i  engt  h : 

0.0!!  m 

Nomina 

{  maximum 

about  10,000  t'pv/niin 

OjM*rai 

ing  range 

of  shaft/hearing 

stiffness  ratio:  0.1  -  G.O 

iahl''  i  lift  a  i  Is  of  Machine  Design  used  fur  the  Theoretical  Invest  igat  ion  . 
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RESULTS 


This  section  contains  the  results  of  the  theoretical  investigation  of  the 
hydrostatic-  bearing  static  and  dynamic  characteristics,  and  of  the 
vibration  amplitude  variation  with  running  speed  of  a  single  mass  rotor 
running  in  such  bearings.  The  results  relate  to  a  machine  whose  design 
features  are  similar  to  those  indicated  in  table  1,  unless  stated 
otherwise. 


The  following  results  are  included  in  this  section: 
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Figure  21 
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eccentricity 

Variation  of  Rearing  Damping  coefficient  Cyy  with  vertical 
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Variation  of  Bearing  Stiffness  coefficient  Kyy  with 
horizontal  eccentr ici ty 

Variation  of  Bearing  Damping  coefficient  Cyy  with  horizontal 
eccentricity 

Variation  of  Bearing  Stiffness  coefficient  Ksy  with  vertical 
eccentricity 

Variation  of  Bearing  Damping  coefficient  Cxy  with  vertical 
eccentricity 

Variation  of  Bearing  Stiffness  coefficient  Kyx  with  vertical 
eccentricity 

Variation  of  Bearing  Damping  coefficient  Cyx  with  vertical 
eccentric] ly 

Variation  of  Bearing  Stiffness  coefficient  Kyy  with  frequency 
Variation  of  Bearing  Damping  coefficient  Cyy  with  frequency 
Variation  of  Bearing  Stiffness  coefficient  Kyy  with 
Accumulator  Restrictor 

Variation  of  Bearing  Damping  coefficient  Cyy  with  Accumulator 
Rest  rict or 

Variation  of  Rotor  1st  critical  speed  witli  support  stiffness 
Variation  of  Rotor  Vibration  amplitude  with  running  speed 
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Figure  15:  Variation  of  Bearing  Damping  Coefficient 
vertical  eccentricity 


C  with 
yx 


29- 


I 

i 


r 


Figure 


16:  Variation  of  Bearing  Stiffness  Coefficient 
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Figure  17:  Variation  of  Bearing  Damping  Coefficient  C  with 
Frequency 
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Figure  21:  Theoretical  Response  of  Rotor 


ft.  DISCUSSION 


Figure  (i  shows  the  variation  in  steady  vertical  displacement  with  static 
vertical  load  for  the  hydrostatic  bearing.  As  is  normally  the  case  with 
hydrostatic  hearings,  the  authors  have  decided  to  operate  with  a  pressure 
ratio  ft  0.5  at  the  nominal  design  clearance  since*  this  will  result  in  an 
oil  film  of  higher  stiffness  (so  far  as  operation  under  static  loading  is 
eoneerned) .  The  gravity  load  on  eac  h  hearing  is  c  alculated  to  be  about  200 
N,  so  that  each  hydrostatic  bearing  will  operate  at  an  eccent r ici ty  ratio 
of  approximately  zero  see  point  P  on  figure  0. 

The  variation  of  steady  load  stiffness  with  vertical  eccentricity  is  shown 
in  Figure*  7.  Stiffness  decreases  with  increasing  hearing  eccentricity  in 
genera],  irrespective  of  the  bearing  pressure  ratio  i3.  For  this  reason  the 
design  pressure  ratio  is  chosen  on  the  basis  of  maximum  stiffness  at  the 
design  accent  r  ic  i  t  y  only. 

Figure  8  shows  the  variation  in  hydrostatic  hearing  stiffness  coefficient 
Kyy  with  vertical  displacement  for  various  horizontal  displacements.  It  is 
noteworthy  that  its  value  does  not  change  significantly  with  horizontal 
displacement,  although  it  does  with  vertical  displacement.  Under  normal 
operating  conditions  the  bearing  will  be  operating  at  a  virtually  zero 
vertical  eccentricity  (as  well  as  zero  horizontal  eccentricity)  so  that  the 
stiffness  coefficient  Kyy  will  assume  a  maximum  value.  Despite  the 
non  linearity  of  the  curve,  it  con  be  seen  from  the  effective  oil  film 
coefficient  value  would  not  be  expected  to  change  by  more  than  10?;  of  its 
original  value  provided  that  the  vibration  amplitude  does  not  exceed  0.2 
times  the  nominal  bearing  clearance. 

Figure*  0  shows  the  variation  in  hydrostatic  bearing  ehimping  coefficient  Cyy 
with  vertical  displacement  for  various  horizontal  displacements.  In  this 
case  the  coefficient  value  does  not  change  -significantly  with  either 
horizontal  or  vertical  displacement.  This  means  that  the  value  of  damping 
coefficient  Cyy  can  be  calculated  accurately  at  the  design  stage  and  that 
non  linearity  of  this  coefficient  is  unlikely  to  present  a  problem. 
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Figures  10  arid  11  show  t  ho  variation  of  horizontal  st  i  ffnoss  and  damping 
io  Hitts  Kyy  and  Cvv  resport  ively  with  horizontal  eccentricity.  These* 
coefficients  do  not  change  significantly  with  horizontal  eccentricity,  and 
so  once  again  coefficient  non  linearity  is  unlikely  to  present  a  problem. 
Once  again,  the  coef f ir i ent s  take-  a  maximum  value*  whe*n  the  bearing  operates 
1 n  t  he  concen t  r i c  pos i t i on . 

The-  Variation  of  bearing  horizontal  stiffness  and  damping  coefficients  Kxx 
and  rxx  with  horizontal  and  vertical  eccontrici  ty  is  identical  to  that  of 
coefficients  KyV  and  C yy  with  vertical  and  horizontal  eccontr  iej  ty 
respectively.  For  the  sake  of  brevity  the  cor respondi ng  cur  ves  have  not 
he»*n  included  in  this  report. 

Figure  Ilf  to  lb  show  the  variation  of  the  cross  coupling  stiffness  and 
damping  coefficients  Kxy,  Kyx,  Cxy  and  fyx  with  displacement  .  Tires** 
coefficient  values  are  all  much  smaller  than  the  values  of  the  direc  t  term:; 
discussed  above  and  so  are  of  little  significance;  in  any  instance  they  all 
assume  a  zero  value  when  the  bearing  operates  at  zero  eccentricity  as  will 
be  the  case  for  the  tost  rig  with  which  this  project  is  concerned.  The;-* 
graph.*;  are  included  in  this  report  only  for  the  sake  of  completeness  t 
r*  <  or  <ls . 


Figures  16  and  17  show  the  variation  in  stiffness  and  damping  <  oef  f'  i  <•  i  ent  , 
Kyy  and  Cyy  respectively,  with  excitation  frequency.  For  the  f  i  equ«*n<  y 
range  under  investigation  it  is  clear  that  the  coefficient  values  do  not 
change  significantly.  This  feature  of  the  results  is  significant  since  it. 
indicates  that  the  inertia  of  the  lubricant  within  the  capillary 
restrictors  is  unlikely  to  affect  the  behaviour  of  the  bearing  adversely. 
The  other-  six  bearing  coefficients  are  similarly  unaffected  by  frequency  of 
excitation;  the  appropriate  curves  for  these  coefficients  have  horn  omitted 
from  this  report  for  the  sake  of  brevity. 

The  variation  in  bearing  stiffness  and  damping  with  flow  resistance*  between 
hearing  recess  and  accumulator  is  shown  in  figures  IK  and  19.  (These 
graphs  relate  to  coefficients  Kyy  and  Cyy;  once  more  graphs  for  tin*  other 
coefficients  have  been  omitted  for  the  sake  of  brevity  but  do  in  fact  take 
on  similar  features). 
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It  ran  sci'ii  that  she;  the  flow  resistance  into  the  ai  riimu)  fit  or  is  large 
it-  when  Ka  ks  is  sm_  I  1  tlifn  t  hf  coefficients  take  on  high  values,  whereas 
when  the  flow  resistance  is  very  small  Ka/Ks  large;  tin'  magnitude  of  tin- 
coefficients  is  reduce. I  to  about  5”S  of  their  original  value.  Thus,  a 
substantial  change  in  bearing  dynamic  coefficient  values  can  be  introduced 
by  connecting  an  accumulator  to  the  hydrostatic  bearing  recesses  via  a 
connector  whose  flow  resistance  is  negligible. 

This  condition  can  he  achieved  in  practice,  if  only  two  values  of  each 
bearing  dynamic  coefficient  are  required  during  operation,  by  connecting 
the  accumulators  to  the  bearing  recesses  via  remotely -cent rol 1 ed  on  off 
valves  with  large  bore  diameters. 

The  variation  in  first  critical  speed  with  support  stiffness  for  the  test 
rig  being  constructed  is  shown  in  figure  20.  The  hydrostatic  bearing  lias 
been  designed  so  that  the  two  values  of  bearing  stiffness  coefficients 
obtained  with  the  accumulator  switched  ’in’  and  ’out’  tend  to  stradle  the 
steepest  part  of  the  graph  as  shown.  It  appears  that  with  this  arrangement 
I  he  test  rig  first  critical  speed  may  be  switched  from  about  1,000  rev/min 
to  abut  _l'00  rev  inin.  The  corresponding  response  curves  for  the  machine 
are  shewn  in  figure  21.  In  this  figure  it  can  be  seen  that  if  1  he 
aeeiiiiiulat  ors  are  switched  ’in’  at  about  2,500  rev/min,  then  the  maximum 
amplitude  of  vibration  of  the  machine  during  run  up  through  the  first 
critica]  speed  region  may  be  reduced  from  about  72  pm  to  about  7  pm  for  the 
•  sample  shown. 

The  form  of  each  of  the  graphs  discussed  above  was  of  direct,  relevance  to 
the  design  of  the  test  rig.  In  addition  to  these,  a  number  of  additional 
parameter  relationships  for  the  hydrostatic  bearing  have  also  been 
investigated.  The  appropriate  results  have  been  taken  into  account  during 
I  In  test  rig  design,  but  t  tie  form  of  t  hi-  graphs  is  not  of  such  direct 
significance  and  so  they  have  been  included  in  this  report  only  as  an 
appendix  containing  figures  22  to  30.  These  results  may  be  summarised  as 
fol  1  >iws : 

a  Dee: easing  pressure  ratio  P  tends  to  increase  bearing  stiffness  and 
damping,  although  stiffness  actually  ’peaks’  at  P  ^0.5  in  the  case  of  a 
high  flow  resistance  in  the  accumulator  line  (figures  23  and  24). 
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b;  I  in  hms  i  nj!  bearing  clearance  tends  to  reduce  Imth  tin-  bearing  damp  ini' 
and  stiffness  figures  20  and  2fi)  . 

i  liaising  I  tin  lubricant  supply  pressure  lias  little  effect  on  the  bearing 
damping,  but  dues  result  in  a  proportional  increase  in  bearing 
stiffness  'figures  27  and  211). 

d  Increasing  the  hearing  land  width  has  little  effect  on  the  hearing 
stiffness  hut  does  increase  hearing  damping  '.figures  2H  and  20). 

It  is  noteworthy  that  these  relationships  ate  in  general  agreement  with 
those  found  in  other  literature  relating  to  hydrostatic  heal  :i.g 
performance.  They  are  of  interest  because  they  provide  additional 
information  about  how  the  hearing  characteristics  may  lie  deliberately  set 
at  tile  design  stage,  once  the  required  values  have  been  determined. 

To  summarise,  the  hydrostatic  bearing  may  be  designed  to  accomodate  t  he 
static  load,  due  to  rotor  gravity  forces,  without  significant  nrei.t  i  i  r  i  t  y 
of  the  journal.  The  hearing  dynamic  characteristics  of  most  s ign i f i < am  e 
are  the  direct  stiffness  and  damping  coefficients  since  the  cross  coupling 
coefficients  are  several  orders  of  magnitude  smaller.  The  direct  stiffness 
and  damping  coefficients  can  he  substantially  reduced  by  connecting  an 
accumulator  to  the  bearing  recess  and,  provided  that  the  hydrostatic 
hearing  is  correctly  designed  for  the  rotor  system  under  consideration,  tin- 
stiffness  change  introduced  can  be  made  to  result  in  a  significant  change 
in  machine  natural  frequency.  If  the  accumulator  is  switched  ’in’  at  the 
correct  rotational  speed  then  the  maximum  vibration  amplitude  of  the 
machine  during  run  up  may  be  reduced  by  over  90"..  The  required  hydrostatic 
hearing  dynamic  characteristics  can  be  obtained  by  correctly  selecting 
appropriate  design  parameters  for  the  bearing. 


36. 


!i.  TEST  RIG  DESIGN 


A  test  rig  has  been  designed  which  will  enable*  experiment. a  1  evaluation  of’ 
l  !i«-  new  bearing  design  under  consideration.  The  final  details  of  the 
design  have  been  established  with  a  view  I  o  model  ling  the  high  speed 
compressor  shaft  of  a  General  Electric  TF24  turhofan  engine,  some  details 
of  which  arc  given  in  reference  (121.  The  only  departure*  of  the  similarity 
of  the  experimental  rig  from  that  detailed  in  reference  (12)  is  the  absence 
of  an  overhung  rotor  mass  in  addition  to  that  mounted  between  bearings. 
The  test  rig  is  designed  to  operate  up  to  speeds  well  above  its  first 
critical  speed  of  5000  rev/inin.  A  comparison  of  some  of  the  design 
parameters  of  the  TF'.M  turbofan  engine  with  those  of  the  test  rig  is  shown 
in  table  2.  Some  additional  design  details  <>{'  the  bearings  to  be  used 
with  tht*  test  rig  are  as  used  for'  the  theoretical  investigation,  and  are 
shown  in  table  I. 

A  diagram  of  the  assembled  test  rig  is  shown  in  figure  22.  It  consists  of 
a  rotor  of  mass  25  kg  mounted  on  a  shaft  of  length  0.5  m.  Tht?  shaft,  whose 
stiffness  is  9.6  MN/m  ^ ,  runs  in  rolling  element  bearings  which  an*  pressed 
into  a  steel  bush;  tin?  bush  is  in  turn  mounted  in  the  hydrostatic  bearings 
and  is  constrained  not  to  rotate  by  anti  rotation  pegs.  Each  hydroslat i c 
bearing  contains  four*  hydrostatic  pads,  as  shown  in  figure  2b.  The  bearing 
operates  with  a  concentric  pressure  ratio  ft  0.5  to  provide  maximum 
resistance  to  journal  displacement  under  gravity  loads,  the  steady  state 
journal  eccentricity  being  negligible.  Each  bearing  is  supplied  with 
lubricant  of  dynamic  viscosity  0.05  P;vs.  at  a  pressure  of  2.5  M  Pa.  The 
hydrostatic  bearing  pedestals  are  mounted  firmly  on  a  fabricated  bed-plate 
whic  h  is  in  turn  fixed  securely  to  t  lie  ground.  The  rig  is  powered  by  a 
variable  spent  electric  motor  which  is  remotely  controlled. 

Vibration  measurements  are  recorded  hy  non  contracting  inductive  proximity 
t rnnsdm  ers  situated  at  each  bearing  and  at  the  rotor  mass .  The  output 
signals  from  the  transducers  are  to  be  recorded  by  a 
rni<  rocomput  er -coat  rol  Vd  data~l»gging  syst  em  which  may  also  bo  used  to  help 
to  process  and  plot  the  results. 


37. 


Property 

Vf>1»"  on  Test  Rig 

Value  on  TF34  Engine 

Shaft  Stiffness 

9.6  MN/aT1 

51 

Rotor  Mass 

35  Kg 

40  Kg 

1st  Critical  Speed 

2500  -  5000  rev/min 

5000  rev/min 

Ratio  Shaft/Support  Stiffness 

0.1  -  6.0 

normally  between 

0.6  and  2.5 

Running  Speed 

up  to  10,000  rev/min 

up  to  17,600  rev/min 

I.ubricant.  Viscosity 

0.05  Pa . s 

0.04  Pa.s 

Table  2:  A  Comparison  of  some 

test  rig  details  with 

i  those  of  a  General 

^  Electric  TF34  Turbofan  Engine  high  speed  shaft. 
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Figure  22:  Diagram  of  Test  Rig 


10.  REVIEW  OF  CURRENT  STATUS  OF  PROJECT 


The  current  status  of  the  research  project  described  in  this  report  is 
indicated  by  figure  1.  As  explained  in  section  1  of  this  report,  work 
began  on  the  project  in  March  1985,  as  indicated  in  the  figure,  so  that 
March  1986  corresponds  to  month  13. 

For  each  activity  indentified  in  figure  1,  the  percentage  figure  indicated 
on  the  appropriate  line  gives  the  fraction  of  that  activity  which  has  been 
completed  at  the  time  of  writing  this  report.  Those  activities  not  yet 
completed  are  as  follows: 

( i )  Obtain  Theoretical  Results 

Some  theoretical  results  arc  presented  in  this  report;  however  the 
computer  programs  are  to  be  re-run  in  order  to  further  investigate 
the  effect  of  system  parameter  changes,  ami  the  results  are  to  be 
re-presented  in  dimensionless  form. 

!  i  i )  Produce  Drawings 

Most  of  the  engineering  drawings  required  for  test  rig  manufacture 
have  been  produced.  It  is  possible  that  further  auxilliary 
drawings  detailing  such  items  as  balance  uts,  wiring  diagrams, 
lubrication  systems,  etc  may  be  required. 

( i i i }  Bought  Out  Material  &  Rig  Manufacture 

Test  rig  manufacture  is  about  to  commence.  Most  of  the  naterial 
required  for  this  is  in  stock.  Some  further  components  such  as 
piping,  valves,  and  accumulators  still  need  to  be  purchased.  It 
is  anticipated  that  the  rig  will  be  assembled  by  September  1986. 
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Thi>  authors  overall  opinion  of  the  project  status,  hearing  in  mind  the 
details  indicated  in  figure  1,  is  that  the  project  may  be  completed  in 
slightly  less  time  than  the  36  months  originally  estimated.  However,  in  so 
far  as  the  original  grant  document  is  concerned,  which  was  based  on  a 
project  start  date  of  September  1884,  the  authors  anticipate  possibly 
requiring  an  extension  of  the  giant  period  at  no  extra  cost. 
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11.  CONCLUSIONS 


It  is  clear  from  the  results  of  several  previous  investigations  discussed 
in  section  5,  and  from  the  theoretical  studies  described  in  this  report 
that  machine  vibration  amplitudes  can  be  minimized  by  correct  choice  of 
shaft  support  dynamic  charateristics.  it  is  further  evident  that  changes 
in  shaft  support  dynamic  characteristics  can  substantially  change  machine 
critical  speeds. 

The  theoretical  studies  described  in  this  report  have  shown  that 
hydrostatic  bearing  dynamic  characteristics  can  be  tuned  by  controlling 
flow  restrictors  which  link  accumulators  to  the  bearing  pockets. 
Furthermore,  the  changes  in  bearing  stiffness  and  damping  so  implemented 
can  be  used  to  change  significantly  machine  critical  speeds.  If  the  change 
m  support  stiffness  is  made  while  the  machine  is  running  then  the  maximum 
vibration  amplitude  during  run  up  may  be  reduced,  using  (bis  technique,  hy 
up  to  110%. 


Tin-  pro jcit  status  may  be  summarised  as  follows.  The  theory  development, 
amt  .  "input. u  programming  are  virtually  complete.  The  test  rig  design  has 

. . .  completed  and  manufacture  is  under  way.  During  the  coming  months, 

while  the  rig  is  being  manufactured,  further  theoretical  results  will  be 
obtained  from  the  computer  output  and  consideration  will  be  given  to  the 
lest  rig  control  system.  The  delay  fo  6  months  in  commencing  work  on  the 
project  has,  to  a  large  extent,  been  recovered. 
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12.  RECOMMENDATIONS  FOR  FURTHER  WORK 


Funding  of  the  project  has  been  provided  by  EOARD  for  two  years  to  date, 
and  t  his  has  either  been  expended  or  allocated  according  to  the  original 
research  schedule  plan  contained  in  the  grant  proposal  document  (similar  to 
figure  1  of  this  report).  Some  return  on  this  investment  has  been  obtained 
in  the  form  of  theoretical  results  contained  within  this  report,  and 
further  theoretical  results  will  be  available  shortly. 

Further  work  should  centre  around  obtaining  experimental  evidence  to 
substantiate  the  theoretical  results  in  order  that  the  theory  may  be  used 
with  more  confidence  when  applied  to  real  aero-engine  systems.  The 
experimental  testing  should  proceed  according  to  the  schedule  in  figure  1 
using,  (in  the  first  instance),  the  test  rig  described  in  section  9.  The 
experimental  work  should  include  measurements  of  machine  vibration 
amplitude  and  frequency  through  the  entire  running  speed  range,  this  data 
should  be  collected  for  several  values  of  accumulator  restrictor  setting, 
bearing  oil  supply  pressure,  and  other  pertinent  parameters.  Additional 
experimental  test  runs  should  be  made  using  a  microprocessor  based  control 
system  which  would  automatically  vary  the  shaft  support  dynamic 
characteristics  in  accordance  with  the  requirements  for  minimising  machine 
v ib rat  ion. 

In  order  to  carry  out  the  remainder  of  the  research  programme  described 
above  a  third  year  of  funding  will  be  required,  in  accordance  with  the 
original  project  grant  application  document.  With  this  proviso,  the 
authors  recommend  that  experimental  testing  should  begin  at  about  November 
1980. 
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APPENDIX 


This  appendix  contains  a  number  of  graphs  which  indicate  the  variation  of 
hydrostatic  bearing  dynamic  characteristics  with  changes  in  the  design 
parameters  pressure  ratio  /3,  clearance,  oil  supply  pressure  and  land  width. 
These  graphs  have  been  discussed  in  section  8. 
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Figure  23: 


Variation  of  Bearing  Stifness  Coefficient  K 
Pressure  Ratio  P  ^ 


with 


Figure  2*1:  Variation  of  Bearing  Damping  Coefficient  C  with 
Pressure  Ratio  P 
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Figure  25: 


Variation  of  Bearing  Stiffness  Coefficient  K 
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Figure  26:  Variation  of  Bearing  Damping  Coefficient  C  with  Clearance 
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i'irure  21 :  Variation  of  Bearing  Stiffnerr  Coefficient  K_  with 
Supply  Pressure  J 


figure  28:  Variation  of  Bearing  Damping  Coefficient  C  with 
Supply  Pressure  ^ 
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figure  29'.  Variation  of  Bearing  Stiffness  i.'oeff  in  .e:.t  K 
ratio  Land  width/perimofor  length 
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figure  30:  Variation  of  Bearing  Damping  Coefficient  C 

Ratio  Land  wjdth/perimcter  length  yy 


with 
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